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INTRODUCTION

Gear sets needed modifications to the pinion
during full-load, full-pressure string tests of
three centrifugal compressor trains [1], each
manufactured for a different end user. Two
trains were driven by the contract gas turbine
and one by a shop steam turbine. Total horse-
power for the compressors ranged from 22000
to 31050 BHP. Gear ratios ranged from 2.14 to
2.44. The vibration frequency of concern was
at 8 times (8X) running speed of the pinion
(high-speed) and this coincided with the
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fourth natural frequency of the pinion. This
8X frequency was found only on load tests such
as ASME PTC 10 Class 1. The first pinion was
modified by taking weight off the free end and
the other two pinions were modified by adding
weight to the free end. This OEM of these com-
pressors now requires the gear manufacturer to
show by rotor dynamic analysis that certain
multiples of pinion speed will not coincide with
the natural frequencies of the pinion. ~Such
analysis should be made during the design
phase rather than finding an issue during full-
load testing or field operation. Test engineers
should set up the Fast Fourier Transform (FFT)
to look for these higher frequencies.

The Lateral Analysis, in section 2.6.2 of AP 613
fifth edition specification for gears [2] does not
address this situation. It requires an
undamped (forward synchronous) analysis to
find the critical speeds in the range of 0 to 125
percent of trip speed, which is well below eight
times running speed. It suggests that there are
only three lateral critical speeds of concern, but
the fourth critical speed is sometimes also of
concern. It says that if one of the first three
critical speeds causes concern, then a damped
unbalance response analysis should be made,

but it need only go from 0 to 125 percent of trip
speed. The damped synchronous response
analysis should not be extended to speeds at
higher multiples of running speed to find the
higher critical frequencies of pinions because
neither the bearing coefficients nor polar iner-
tia terms will be correct.

The first four critical frequencies should be
determined with no limitation on percentage of
the critical frequencies above trip speed. The
polar inertia term effects at higher speeds in a
synchronous undamped critical speed map are
not appropriate for the higher modes of a pin-
ion running at a fixed speed much lower than
the frequency of the higher mode. A nonsyn-
chronous undamped critical speed map should
be completed, either for the pinion running at
its own speed or running at zero speed (ie., a
planar critical speed map). The fixed speed and
planar modes can be calculated as in reference
[3]. Instead of or in addition to this special
critical speed map, a damped eigenvalue analy-
sis should be generated with the bearings in the
loaded condition at speed. A ten percent mar-
gin of the fourth critical frequency from eight
times pinion running speed may be appropriate
for the bearings at the loaded condition.



ABSTRACT

Three case studies are described to illustrate pinion vibration during
full-load, full-pressure string tests of centrifugal compressor trains.
The vibration frequency of interest in the studies was eight times the
speed of the pinion, which was near the pinion's fourth lateral natu-
ral frequency. Simple modifications to the pinion lowered the vibra-

tion to appropriate levels. Proper use of the undamped critical

speed map for higher modes well above synchronous speed will be
discussed. Modifications to the dynamics paragraphs of the API 613
Gear Specification will be presented for consideration.

UNDAMPED CRITICAL SPEEDS

The standard forward synchronous critical speed map will be shown to be inaccurate for higher
modes such as the fourth when the fourth is well above the running speed. The planar critical
speed map for the shaft at rest provides sufficiently accurate results for tuning the fourth natural
frequency so that it does not occur at 8 times running speed. This map should be easy to plot and
does not involve the use of bearing properties, bearing programs, or damped eigenvalue programs.
The undamped natural frequency calculation uses a moment equation [3] with the term:

(Ipw-1rQ)Q0O (Formula 1)

where o = shaft speed, Q = whirl frequency,

[p = polar moment, It = transverse moment, and 8 = slope

Synchronous forward: o = €2 and then the term becomes: (Ip - I1) Q’0

Planar or shaft at rest: = 0 and then the term becomes: - It Q* 8

Synchronous backward: ® = -£2 and then the term becomes: - (Ip + I1) Q0
Synchronous forward frequency > Planar frequency > Synchronous backward frequency
The equations can be solved when o = shaft speed is fixed

For the higher frequencies when Q >> w then:

* The critical frequencies are very close to the planar frequencies
¢ The forward synchronous map should not be used

In explanation, from the term (Formula 1) in the moment equation, if the whirl frequency € is
much higher than the shaft speed w, then the term Ip o can be ignored, i.e. the calculated
frequencies are almost the same as for planar = shaft at rest.

The compressor OEM's original critical speed
program only calculated forward synchronous
frequencies. It was based on an earlier version
of the undamped critical speed program [3].
The compressor OEM modified the original
program to add the capability to calculate fre-
quencies for backward synchronous, forward
and backward for a fixed shaft speed, and pla-
nar = shaft at rest. The planar option is used
for the modeling of the modal ring test of
rotors. Modifications for the fixed speed option
were verified by comparison with the results
from the Lund stability program [4,5] for the
same model. The program also was verified by
comparing results using the planar option vs.
modal ring test results for an actual rotor.

In the first case study the original and modi-
fied pinion were analyzed for each of the above
models noted above. Forward synchronous,
forward for a fixed speed, planar, backward for
a fixed speed, and backward synchronous
analyses were run to determine which method
possessed the best correlation to the physical
test data. In the second case study, only for-
ward synchronous, planar, and backward syn-
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17



—NGIN

chronous analyses were run for the original
and modified pinion. In the third case study,
only the planar analysis was run for the origi-
nal and modified pinion.

FIRST CASE HISTORY

A sketch of the train for the first case history is
shown in Figure 1. This train was string tested
in 2002 at the gas turbine manufacturer's facil-
ity on full-load, full-pressure using hydrocar-
bon gas with the contract gas turbine used as
the driver. Three identical trains were shipped
to an offshore platform. The compressors were
designed for natural gas injection at a final dis-
charge pressure of 4510 PSIA (311 BAR). The
total BHP is 31040 for the compressors. The
low-speed range is 3840 to 5040 RPM and the
high-speed range is 8214 to 10780 RPM with a
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gear ratio of 2.14. The gear is a double helical
design and the pinion (high-speed) bearings
are of the tilt-pad type.

Avibration frequency issue was found during the
full-load string test and it coincided with 8 times
the running (high) speed. See Figure 2, a water-
fall plot of amplitude from the test. An ampli-
tude of twenty-seven (27) microns is well over
the 20 percent allowable limit for any discrete,
nonsynchronous vibration in 4.3.2.2.9 of API
613 fifth edition [2]. There also were measure-
ments of up to 10 G's (acceler-

Figure 3 is a calculated forward synchronous
critical speed map for the original pinion,
where ... = shaft speed = €2 = whirl frequen-
cy in Formula 1. This map does not indicate a
good match to the test data. By extending the
bearing stiffness lines, the calculated fourth
natural frequency appears to be about 90000
cpm. This is much higher than the 76500 cpm
determined in the full load test. The tilt-pad
bearing coefficients were determined by the
compressor manufacturer by using the tilt-pad
bearing progam as described in [6].

ation) at 8X running speed of
the pinion measured on the
gearbox. Ten (10) G's is well
above the 4 G's limit for overall
operation as defined in 2.7.1.3
of API 613 fifth edition [2].
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Figure 1 - Train Sketch - Case History 1

Figure 2 - Waterfall Plot - Case History 1 - Original Pinion
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Figure 3 - Synchronous Forward Critical Speed Map Case History

1 - Original Pinion
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Figure 4 - Fixed Speed = 10780 RPM Forward Critical Speed Map

Case History 1 - Original Pinion





